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Abstract. Tonal noise constitutes the major part of the overall fan noise, particularly the blade 

passing frequency (BPF) noise, which is generally the most annoying component. This paper 

quantitatively studies the BPF tonal noise of a centrifugal fan, including casing aerodynamic 

noise, blade aerodynamic noise and casing structural noise. Firstly, fan noise generation and 

propagation is discussed and the measured spectra of fan noise and casing vibration are 

presented. Secondly, a fully 3-D transient simulation of the internal flow field of the fan is 

performed. Flow interactions between the impeller and the volute casing result in the periodic 

pressure fluctuations on solid walls of the impeller and casing. This pressure fluctuation, in the 

aeroacoustic study, is modeled as aeroacoustic dipole source according to the Lighthill’s 

acoustic analogy theory. With the inhomogeneous wave equations solved by the boundary 

element method, the BPF casing and blade aerodynamic noise radiation is obtained. Finally, in 

the casing structural noise study, the casing structural vibration under the excitation of BPF 

pressure fluctuation is calculated by the finite element method and sound radiation is solved by 

the boundary element method subsequently. Results demonstrate that the casing aerodynamic 

noise is the main contribution to the centrifugal fan noise with the sound power level of 103 dB 

followed by the blade noise (91 dB), and the casing structural noise is 79 dB. 
 

Keywords: centrifugal fan, unsteady flow field, blade passing frequency, aerodynamic noise, 

structural noise. 

 

Introduction 

 

As a type of turbomachinery, centrifugal fans are widely employed for industrial and civilian 

use because they achieve high pressure ratios in a short axial distance compared to axial fans. 

However, the noise generated by centrifugal fans can become a serious problem. According to 

the spectrum characteristics of fan noise, it can be divided into discrete tonal noise, induced by 

the periodic interactions between the rotating impeller and the volute casing especially the 

volute tongue, and a broadband noise, mainly due to the turbulent flow fluctuations in the inlet 

stream, in boundary layer, and wake behind the blade. The blade passing frequency noise is in 

general the most notable and annoying component [1-3]. According to the noise generation 

mechanism, fan noise can be classified into aerodynamic noise generated by turbulent flow 

fields directly and vibroacoustic noise caused by structural vibration. Jeon [4] points out that in 

the case of large-sized fan, the levels of the vibration-induced noise and the flow-induced noise 

are comparable, but in the case of small and the middle-sized fans, the flow-induced noise is 

dominant. 

The internal turbulent flow is the root cause of fan noise: on the one hand, it generates 

aerodynamic noise as the aeroacoustic source; on the other hand, it induces structural vibration 

and generates vibration-induced noise. Mechanical excitations such as unbalanced rotors, 

vibration of motors, defected bearings can cause fan structural vibration as well. In this study, 

the flow-induced vibration is considered. Therefore, for a reliable prediction of fan noise, precise 

analysis of flow field is essential. The capability of the existing computers allow the numerical 

simulation of complex flow features that commonly take place in centrifugal fans: unsteady 

turbulent flow, important 3-D effects and complex configurations. Nowadays, some commercial 

CFD packages, showing their validity and reliability for the description and prediction of the 
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unsteady flow in turbomachinery, are available, and good agreements between the CFD and 

experiment results of the investigation of flow fields in centrifugal fans have been found [1, 5-7]. 

As for the numerical prediction of aerodynamic noise, there are two approaches, namely the 

direct computation and indirect or hybrid computation [8]. The direct approach computes the 

sound together with its fluid dynamic source field by solving the compressible flow equations. 

The hybrid approach takes into account the difference of the temporal and spatial scales between 

the flow field and the acoustic field. This consideration allows a segregation of the complete 

problem of both generation and propagation of the aerodynamic noise into two separate 

problems: 1) the acoustic sources and the flow field are determined firstly, and 2) the calculation 

of the acoustic field is completed as a direct consequence of those sources. The direct approach 

is basically used in problems of computational aeroacoustics; it requires extremely high 

computational resources if an accuracy is desired for the resolution (for both calculation efforts 

and time necessary to achieve a complete solution of the flow and acoustic fields). At present, 

the complexity of the 3-D phenomena involved in any turbomachine is far beyond the scope of 

this approach [9]. There are several hybrid approaches [10, 11], of which the most widely used 

is the CFD plus acoustic analogy method. 

Lighthill’s acoustic analogy theory recasts the compressible fluid dynamic equations into an 

inhomogeneous wave equation to predict sound radiated by an unsteady flow in an unbounded 

region [12]. It was generalized by Ffowcs Williams and Hawkings [13] to include the presence 

of foreign bodies. Let the foreign body is closed by the surface defined by ( , ) 0f t =x , with 

0f <  in the interior, 0f >  outside, and such that the outward unit normal vector f= ∇n . The 

FW-H equation is given as follows: 

 

[ ]
2 2

2

02 2

1
( ) ( ) ( )n ij j ij

i i j

p
p v f P n f T H f

t x x xc t
ρ δ δ

′∂ ∂ ∂ ∂
′    −∇ = − +   ∂ ∂ ∂ ∂∂

 (1) 

 

where c  is the speed of sound, p′  the far field sound pressure (
0

p p p′ = − ) and t denotes time. 

( )fδ , and ( )H f  represent the Dirac delta function and Heaviside function with ( ) ( )f H fδ ′= . 

n
v  is normal velocity of the control surface. 

0
ρ  is the ambient fluid density. 

ij ij ij
P p δ τ′= − + , 

and 
2

( )
ij i j ij ij

T v v p cρ ρ δ τ′ ′= + − −  are the fluid stress tensor, and Lighthill’s stress tensor, 

respectively. The first term in the right hand of Eq. (1) is the monopole source, known as the 

thickness noise; it represents a surface determined by the kinematics of body. The second term is 

also corresponding to a surface distribution, which comes from interaction between the flow and 

the moving bodies. This source term is usually known as loading noise, with dipolar directivity 

(dipole source). The third source term represents a volume distribution that corresponds to the 

Lighthill’s stress tensor with a quadrapolar character. 

A fundamental assumption for acoustic analogy-based hybrid prediction is the one-way 

coupling of flow and sound. In other words, the unsteady flow generates sound and its 

propagation; while the sound waves do not significantly affect the flow. The principal 

application of the hybrid approach lies in flows with low Mach numbers; at sufficient low Mach 

numbers (<0.3), incompressible flow solutions can be adequate for approximating acoustic 

source terms [8, 14]. 

Many authors use the hybrid method to predict fan noise [1, 4, 6, 15, 16]: unsteady flow 

fields are simulated by CFD technique either use LES or Reynolds averaged Navier-Stokes 

equations (RANS) approach; aeroacoustic sources are determined according to the FW-H 

equation, and sound pressure values at specific locations are obtained by integrating the FW-H 

equation with respect to time. Sound sources directly radiating noise into free space is inherently 

assumed in this methodology; the scattering effect of fan casing is not considered. In mathematic 
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terms, this approach only solves the particular solution of the corresponding inhomogeneous 

wave equation. This ignorance may cause some differences in the noise level prediction 

comparing the measured results [9]. Jeon [4] points out that to a centrifugal fan, which has 

volute casing, the scattering effect must be considered in order to compare the predicted sound 

pressure level (SPL) to the measured one. Actually, the propagation of the internal aerodynamic 

noise of a centrifugal fan is as follow: it mainly propagates along the volute housing and pipes if 

the fan is installed in a pipeline system, and at the inlet/outlet it emits to the environment; on the 

other side, the internal sound waves excite the casing and pipes to vibrate and thus transmit to 

the environment, i.e., they penetrate the casing and pipe walls. Of the acoustic sources of 

centrifugal fans and pumps, studies show that the dominant acoustic source is the dipole source 

[16-19]; in the case of high Reynolds number flow as encountered in the fan internal flow, 

ij j i
P n p n′≈ −  representing the pressure loading exerted by the solid body on the fluid. 

The aforementioned studies about fan noise mostly deal with the aerodynamic noise; very 

limited work has been made on the structural noise. To the authors’ knowledge, there is no work 

systematically studying different fan noise constitutions. This paper quantitatively studies the 

blade passing frequency (BPF) noise of a centrifugal fan. Fully transient 3-D turbulent flow was 

obtained firstly through CFD approach. According to FW-H equation, the surface pressure over 

the casing and blade surface was regarded as aeroacoustic dipole source. The calculation of 

casing BPF aeroacoustic noise was straightforward, while the blade noise is tricky due to the 

blade rotation. We used the Loswon’s formulation of rotor noise model based on the 

reformulation of moving source FW-H equation in the frequency domain. The full solution of 

the inhomogeneous wave equation was obtained by BEM with the combination of the particular 

solution (the incident sound) and the general solution (the scattering sound); this approach can 

take the casing scattering effect into account in simulating the sound propagation. The fan casing 

structure vibration and sound radiation under the aerodynamic pressure excitation was studied 

using the fluid-structure-sound one way coupling methodology. Studying fan structural noise has 

the significance: in some cases where turbomachines are installed in pipelines, for example, fans 

in HVAC, and centrifugal pumps, compressors, so that the direct emission of the internal 

aerodynamic noise is blocked off. The noise radiation is ascribed to structural vibration. 

 

The Centrifugal Fan - Its Noise and Vibration Characteristics 

 

The centrifugal fan under study is driven by an AC 3.0 kW motor rotating at the speed

 N = 2900 rpm. The shrouded impeller has B = 12 forward-curved blades with the outlet 

diameter d = 400 mm and a vaneless diffuser (d2 = 400 mm). The blades are made of flat sheet 

metal. The rotational frequency (RF) is N/60 = 48.3 Hz, and the blade passing frequency (BPF) 

is B×RF = 580 Hz. The volute housing collects the air flow leaving from the impeller so that air 

flow can pass through the fan discharge duct. The minimum distance between the impeller and 

the volute tongue, namely the cutoff clearance, is 10 mm. The main dimensions of the fan are 

shown in Fig. 1. 

A standard test facility for the aerodynamic performance and noise characteristics of the 

investigated fan was made in a hemi-anechoic chamber according to China Standard GB/T-

1236-2000: Industrial fans performance testing using standardized airways, and GB/T 2888-91: 

Methods of noise measurement for fans, blowers, compressors and roots blowers. Fig. 2 shows 

the sketch of the test facility with its main elements. Detailed technical parameters of the test 

equipment can found in [20]. 

At the inlet of the duct, a regulation devise is used to control the flow rate. The performance 

dimensionless curves are illustrated in Fig. 3, with the flow coefficient defined by 
2

2
/ ( / 4)Q d uφ π= , where Q  is the volumetric flow rate, d  the outlet diameter of the impeller 

and 
2

u  the tip circumferential velocity at impeller outlet defined by 
2

2 / 60 / 2u N dπ= × . Total 
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pressure coefficient is defined by 2

2
/

t
p uψ ρ= ; 

t
p  is fluid total pressure rise. The efficiency is 

calculated by the ratio of the total pressure rise achieved by the fluid to the power supplied to the 

impeller, i.e., /
t W

Qp Pη = . The volume flow rate at design point is 0.30 m
3
/s, i.e., the flow 

coefficient φ  = 0.039, which has the best efficiency. The maximum flow rate is twice the design 

point flow rate, i.e., 0.6 m
3
/s. 

 

    

Fig. 1. Schematic of the centrifugal fan 

 

 
Fig. 2. Sketch of the experimental setup                Fig. 3. Fan performance dimensionless curves 

 

The measurement of fan noise and casing vibration was carried out with the absence of the 

inlet duct. A PCB
®
 377A02 1/2 in microphone, located at the point with the distance one meter 

from the fan outlet and 45° deviating from the outlet duct centerline, picked the acoustic 

pressure signals; after amplified by PCB
®
 426D01 preamplifier the analog signals transmitted to 

data acquisition card LMS SCADAS 305 where they were converted into digital signals. The 

data was finally analyzed in LMS Test.Lab
®
. Fig. 4 shows the 1/24 octave band sound pressure 

spectrum of the centrifugal fan: this is a typical fan noise spectrum with discrete components 

related to the impeller rotation protruding from the broad band noise. One can observe that the 

dominant component is the blade passing frequency noise. It should be pointed out that the noise 

constituent includes both the aeroacoustic and vibroacoustic components. Sound radiated 

directly by turbulent flow and sound induced by structural vibrations, such as the casing 

vibration, contribute to the overall sound pressure. PCB
® 
333B35 accelerometers were adhered 

to the casing surface to measure the structural vibration. A typical vibration spectrum with the y 

axis of acceleration unit in gravity acceleration g is plotted in Fig. 5. One can see that BPF and 

RF components are outstanding.  

This paper focuses on the study of BPF noise regarding its dominance over other frequency 

components; however the methodologies based on the hybrid modeling to predict aeroacoustic 

fan noise and based on the fluid-structure-sound one way coupling method to predict the 

vibroacoustic noise can be used to study other frequency component noise as well. The unsteady 

flow field is the foundation to both aerodynamic and structural noise prediction. In the following 
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section, a fully 3-D unsteady turbulent flow on the whole impeller-volute configuration was 

calculated using the computational fluid dynamics method. 

 

  

          Fig. 4. Sound pressure spectrum of fan noise                   Fig. 5. Casing vibration spectrum 

 

Unsteady Viscous Flow Computation 

 

CFD technology has been proven to be a very useful tool in the analysis of the complex flow 

of turbomachinery both in design and performance prediction, and widely employed in 

simulating the fully 3-D unsteady flow in centrifugal turbomachinery. It can provide detailed 

flow information which is difficult or impossible to obtain through experimental measurements. 

In this study, 3-D numerical simulation of the complete unsteady flow on the whole impeller-

volute configuration was carried out using the commercial CFD package ANSYS CFX
®
, which 

uses the finite volume method and solves the Navier-Stokes equations on unstructured meshes. 

The characteristic flow Mach number described by the blade tip circumferential velocity is 

u2/c = 0.179 (<0.3), therefore the flow was assumed to be incompressible. Due to the low 

pressure rise, we further regarded the flow as isothermal. Thus, the continuity equation and the 

momentum equation could be solved independent of the energy equation. The characteristic 

Reynolds number depicted by the blade tip circumferential velocity and the impeller blade outlet 

diameter was 1.57×10
6
, indicating the internal flow was turbulent in nature. It was appropriate to 

solve the unsteady Reynolds averaged Navier-Stokes equations (URANS) economically without 

loss of resolving the main characteristics of flow fields such as mean pressure fluctuations. 

URANS are obtained by representing a flow property, e.g., velocity and pressure, in the Navier-

Stokes equations as the sum of a steady mean component and a time-varying fluctuating 

component with zero mean value. As a result six additional unknowns, namely, the Reynolds 

stresses, are introduced in the time averaged momentum equations. Turbulence modeling 

procedures are of sufficient accuracy and generality to predict the Reynolds stresses. In the 

present simulation, standard k-ε model was adopted to depict the turbulence characteristics of the 

internal flow. The scalable wall-function was used to describe the near wall velocity. The k-ε 

model is well established and the most widely validated turbulence model; it gives excellent 

performance for many industrially relevant flows [21]. It should be pointed out that solving 

unsteady RANS together with turbulence model could provide adequate unsteady flow 

information to predict the tonal noise of fans, but Large Eddy Simulation (LES) should be 

employed when predicting broadband noise [22, 23]. 

The mesh system of a fan was divided into the inlet (pipe), impeller, and outlet (volute) 

regions; the inlet and outlet regions are in the stationary coordinate system and the impeller 

region is generally described in the rotational coordinate system. The axial gap between the 

impeller and the volute casing was modeled regarding its importance in the excitation of casing 

vibration. Khelladi et al. [24] studied the flow field of a centrifugal fan with and without taking 

into account the axial gap, and found that the numerical pressure rise taking into account the 

axial gap was in good agreement with the experimental results, particularly, at large flow rates. 

Hexahedral cells were used to define the flow region of the centrifugal fan. Though the 
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hexahedral mesh requires more effort than the tetra mesh, it pays off by the fact that fewer 

hexahedral elements are required than tetrahedral elements to resolve physics for most CFD 

applications. A mesh independence test was firstly performed to indentify the optimal mesh 

system. Results indicate that when the total element number is over 0.6 million, the overall 

aerodynamic performance, i.e. the total pressure and efficiency, reaches an asymptotic value as 

the number of meshes increases, while regarding the pressure distribution over the casing 

surface it shows that a mesh system over 1.1 million cells is sufficiently reliable to ensure mesh 

independence [25]. The final mesh system of 1.6 million cells was adopted. Fig. 6 shows two 

mesh sections at the middle span of the volute and the meridian plane. 

 

                      
Fig. 6. Mesh used in CFD 

 

A steady simulation using the frozen-rotor approach was firstly performed. In this case, the 

relative position of the impeller and the volute casing didn’t change during the calculation. The 

iterating residual was set to less than 1.0
-5
, which is a good convergence and usually sufficient 

for most engineering applications according to the ANSYS CFX-Solver Modeling Guide. The 

calculated fan performance is plotted in Fig. 3. Comparing with the experimental results, a good 

agreement was found demonstrating the reliability of CFD simulation. Fig. 7 provides the static 

pressure distribution over the blade and casing surfaces. One can observe that pressure increases 

along the radial direction outward, and the pressure field over the volute tongue is rather 

complicated. Two pressure monitoring points were set on the blade and the volute tongue 

indicated by the arrows in Fig. 7, to observe the characteristics of pressure fluctuation in the 

following unsteady simulation. 

The results of the steady simulation served as the initial condition for the unsteady 

calculation. In unsteady simulation, the sliding mesh technique was applied to the interfaces in 

order to allow the unsteady interactions between the impeller and the volute, i.e., the meshes 

change their relative positions during the calculation according to the angular velocity of the 

impeller. A complete impeller revolution was divided into 512 time steps, i.e., each time step 

spans 60/2900/512 = 4.041×10
-5 
s. The chosen time step was related to the rotational speed of 

the impeller and was sufficiently small to provide time resolution of pressure fluctuations. After 

several impeller revolutions, the computation became stable and the temporal data were saved at 

each time step. A total of 2048 time steps, i.e., 4 revolutions, were sampled. 

The pressure fluctuations at the two monitoring points are presented in Fig. 8. The pattern of 

pressure fluctuation at the volute tongue is very regular: the volute tongue suffers 12 fluctuations 

in one impeller revolution, i.e., as each blade passage is passing by, the volute tongue perceives 

an impulse since the pressure side of the blade has the higher pressure and velocity than the 

suction side. In other words, the BPF component of the volute tongue pressure fluctuation is 

obvious, and we can conclude the BPF component is outstanding in the frequency spectrum. Of 

the blade pressure fluctuation, it is interesting to find there are only four peaks and troughs in 

one impeller revolution, i.e., as the blade revolves, it suffers 4 major pressure fluctuations. This 

may be ascribed to the existence of the volute casing: the volute profile consists of 4 different 
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arcs with different center and radius, see Fig. 1. Since the flow is subsonic, the downstream 

volute casing has the back reaction to the impeller. Particularly when the blade sweeps over the 

volute tongue where the pressure field varies vehemently, intense pressure fluctuation occurs. 

 

                      
(a)                                                                                       (b) 

Fig. 7. Static pressure distribution: (a) blade; (b) volute casing 

 

  
(a)                                                                                       (b) 

Fig. 8. Pressure fluctuations at the monitoring points: (a) blade; (b) volute tongue 

 

Fig. 9 shows the instantaneous velocity vectors around the volute tongue at the volute middle 

span; velocity vectors in the impeller is viewed by an observer attached to the impeller, while 

the velocity vectors in the volute is the absolute velocity viewed in a fixed frame. The wake 

around the blade trailing edge at the suction side where vortex shedding occurs is obvious. These 

wakes are believed to introduce mixing losses and cause unsteady flow, resulting in noise, 

inefficiency, and vibration [26]. As the impeller rotates, the conferential non-uniform flow 

pattern influences the downstream volute casing and cause pressure fluctuations on it. 

 

 

Fig. 9. Instantaneous velocity vectors at the middle span  
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Prediction of Tonal BPF Aerodynamic Noise 
 

Lighthill’s acoustic analogy theory is employed to quantitatively predict the blade and casing 

BPF aerodynamic noise. The noise due to the aerodynamic forces applied on the surfaces of the 

casing and blades is dominant compared to other type noise sources in the case of subsonic flow 

fans. For this reason only the dipole source is considered in this study. With the aeroacoustic 

source, an inhomogeneous wave equation is obtained. The solution of inhomogeneous wave 

equation consists of a special solution and the general solution of the related homogeneous wave 

equation; the special solution represents the incident sound pressure 
inc

p  of the source, i.e., the 

sound wave radiated into free space, and the general solution represents the scattered sound 

pressure field 
sca

p  due to the scattering from objects. The total pressure 
tot inc sca

p p p= +  

satisfies both the wave equation, including the source terms, and the boundary conditions.  

Denoting the incident pressure and incident normal velocity on the mesh by 
inc

p  and 
ninc

v , 

they are satisfying the inhomogeneous wave equation: 
2 2( ) ( )

inc s
k p Q′∇ + = r   in the domain  (2) 

On the other hand, by definition of ,
ninc

v  we have: 

0inc ninc
p n i vρ ω′∂ ∂ = −   on the boundary  (3) 

The following homogeneous problem, i.e., without sources, is then solved to obtain the 

scattered pressure 
sca

p : 

2 2( ) 0
sca

k p′∇ + =   in the domain  (4) 

0 0inc nsca ninc
p n i v i vρ ω ρ ω′∂ ∂ = − =  on the boundary  (5) 

Because of the linearity of the equations and of the boundary conditions, it is clear the total 

pressure 
tot inc sca

p p p= +  satisfies: 

2 2( ) ( )
tot s

k p Q′∇ + = r   in the domain  (6) 

0
inc

p n′∂ ∂ =    on the boundary  (7) 

In this study we use the strategy mentioned above to solve the blade and casing BPF 

aerodynamic noise. The casing structure is assumed to be rigid such that the normal velocity 

vanishes on its surface. The calculation of the casing noise is straightforward because the casing 

is stationary. In this case, the FW-H equation (Eq. (1)) is reduced into Curle’s equation [27], and 

the inhomogeneous Helmholtz equation is obtained after Fourier transform: 

( )2 2

0( ) ( ) ( )i

i

k p p p n f
x

δ
∂

′∇ + = −
∂

   (8) 

where 0( ) ip p n−  is the aerodynamic force exerted on the casing surface. The incident field 

can be obtained using the free-field Green function ( , )o sG r r  of the frequency-domain wave 

equation conveniently: 

0( ) ( ) ( )inc o s

S

p p p G n dS′ = − ∂ ∂∫∫r r    (9) 

The calculation of blade noise is tricky due to the rotation of the blade; here we use the 

Lowson’s rotor noise model which is based on the FW-H equation of moving dipole source. The 

time-domain solution to FW-H equation with only the moving dipole source is given by: 

2

1
( , )

4

i i

inc o

S

r F
p t dS

DcDrπ τ
∂  ′ = −  ∂  ∫∫r    (10) 

where /t r cτ = −  is the retarded time, and |1 |
r

D M= −  is the Doppler amplification factor due 

to the moving source (in the relative reference frame) with /
r

M r= ⋅M r  (Mach number of the 
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sources in the direction of observing point). 
i

F  is the force component in the i-direction exerted 

by the body on the fluid. The reference of the impeller used to derive the Lowson’s formula is 

illustrated in Fig. 10. The dipole source F  rotates around 
3

e
�
 with an angular velocity ω , and is 

assumed to be periodic with the rotational period 2 /π ω ; therefore it can been expanded into 

Fourier series with the mth Fourier coefficient given by: 

2

0
( ) ( )

2

im tm t e dt
π ω ωω

π
= ∫F F     (11) 

 

 

Fig. 10. Reference of the impeller  

 

Fourier transform and integration by parts of Eq. (10) gives: 
2

2
( )

2 20
( , )

8

im r ci i

inc o

S

r Fim
p m e d dS

c r

π ω ω τω
τ

π
+′ = ∫∫ ∫r    (12) 

F can be decomposed into radial, tangential and axial components (
r

F ,
t

F ,
a

F ). The distance 

between the source and the observer is given by: 

1

2

3

sin( )cos( ) cos( )

sin( )sin( ) sin( )

cos( )

o s

o s

o

r r r

r r r

r r

θ φ ωτ
θ φ ωτ

θ

−   
   = − =   
   
   

r    (13) 

For each element dS of the blade surface, a force F  is applied, it is defined by: 

1

2

3

cos( ) sin( )

sin( ) cos( )

r t

r t

a

F F F

F F F

F F

ωτ ωτ
ωτ ωτ

+   
   = − =   
   
   

F    (14) 

Substituting Eqs. (13) and (14) into Eq. (12), and using the following generating function 

(Jacobi-Anger Expansion): 

cos
( ) ( )

iz m im

m

m

e i mJ z e
β β

∞
− −

=−∞

= −∑     (15) 

( ( )
m

J z  is the Bessel function of the first kind.), the sound pressure at the nth harmonic produced 

by an impeller with B identical equally spaced blades is finally obtained: 
2
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where 
n

k n cω≡  is the nth harmonic of the rotational frequency, ( ( )
r

F m , ( )
t

F m , ( )
a

F m ) is the 

mth Fourier coefficients of (
r

F , 
t

F , 
a

F ) determined by Eq. (11) and 
rs s

M r cω=  is the sound 

source rotational Mach number. J ′  denotes the derivative of the Bessel function. n = 1 

represents the incident pressure of BPF blade noise.  

Multi-domain direct boundary element method (BEM) was employed to calculate the blade 

and casing noise radiation, i.e., to solve the inhomogeneous wave equations. The acoustic 

pressure and the normal velocity constitute the primary variables for the direct boundary element 

method. Continuity of acoustic pressure and the normal particle velocity is enforced at the 

interfaces of each sub-domain BEM model. Two BEM models with an identical mesh of the 

volute casing surface, one for the acoustic interior problem and the other for the exterior 

problem, were constructed; these two mesh models were coupled together at the openings, i.e. 

the inlet and outlet. The volute casing was modeled as a rigid structure to reflect incident waves 

such that the interior aerodynamic could only propagate outside through the casing inlet and 

outlet openings. According to the commonly applied rule of thumb, using six (linear) elements 

per wavelength [28], the maximum frequency, for which the discretization of the acoustic mesh 

is valid, is 2656 Hz; such that the mesh is fine enough to analyze the BPF 580 Hz noise.  

Of the casing dipole source, since the acoustic BEM mesh of the casing was coarser than the 

CFD surface mesh, an interpolation of pressure from the CFD results to acoustic was carried out. 

Fast Fourier transform was performed to the pressure fluctuation time series to obtain the BPF 

component. Fig. 11 shows the BPF dipole source distribution on the casing interior surface. The 

area surrounding the volute tongue has the greatest value of acoustic source amplitude; this is 

because that the volute tongue is closest to the impeller such that the flow interaction between 

the impeller and the fixed volute tongue is the most vehement. The rest place of the casing 

surface which is near the impeller outlet also has intense dipole source ascribed to the strong 

interaction of the incoming unsteady air flow from the rotating impellor with the stationary 

casing. 

Of the blade aerodynamic source, the blade was divided into 10 segments with the points of 

force application numbered, see Fig. 12. The representation of the fan blade noise by several 

Lowson’s fan sources is a good approximation when the sizes of the blade segments are small 

compared to the wavelength (compact source approximation). The resulting radial, tangential 

and axial force components were obtained by integrating the pressure over each segment surface. 

By using Eq. (16) the incident pressure of BPF blade noise was obtained. 

 

             
Fig. 11. Strength of BPF dipole source                         Fig. 12. Segments of blade surface 

 

The casing was viewed as rigid in calculation of aerodynamic noise radiation, i.e., the normal 

velocity vanished on the casing surface; only the normal velocity at the inlet and outlet 

interfaces and the surface pressure on the whole BEM mesh needed to be solved. The surface 

pressure on the exterior BEM model is shown in Fig. 13. One can see that surface pressure of the 

casing noise is much higher than the blade noise. 
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(a)                                                                                       (b) 

Fig. 13. Surface pressure distribution: (a) casing noise; (b) blade noise 

 

A spherical field point mesh with the radius of 1 meter and centered at the geometric center 

of the volute casing was created outside the casing; the radiation field was evaluated at the field 

point mesh to obtain the radiated sound power. The sound power levels of casing and blade BPF 

aeroacoustic noise are 103 dB and 91 dB (ref. 10
-12
 W), respectively; the maximum sound 

pressure levels on the field point mesh are 97.6 dB and 86.9 dB (re 2×10
-5
 Pa), respectively. 

Thus BPF aerodynamic noise generated by the casing dipole is much higher than the blade 

noise (over 10 dB). Locations around the impeller exit over the volute surface are the main noise 

sources due to the impeller-volute interaction, especially the volute tongue which is nearest to 

the impeller outlet. 

 

Calculation of Casing Structural Noise 

 

In studying the casing aeroacoustic noise at the previous section, the pressure fluctuation 

over the interior casing surface was modeled as surface dipole source, and the volute casing was 

regarded as rigid. As a matter of face, the volute casing is an elastic structure, and under the 

excitation of aerodynamic pressure fluctuations it will vibrate; this vibration leads to structural 

noise radiation. In this section, the forced vibration and noise radiation of the volute casing 

structure was studied. The structural vibration was calculated using FEM and sound radiation 

was obtained by BEM. 

Using FEM technique, structural dynamics can be depicted in a matrix form: 

s s s
+ + =M C Kɺɺ ɺu u u F     (17) 

where M , C  and K  are structural mass, damping and stiffness matrix; the nodal acceleration, 

velocity and displacement vectors are 
s
ɺɺu , 

s
ɺu  and 

s
u , respectively, and the applied load vector 

is F . To time harmonic excitations such as the BPF pressure fluctuations, the load vector has 

the form i te ω
F  (where F  is a complex vector and 1i = − ), thus the steady-state displacement 

response can be represented as i t

s
e ω

u ; with these expressions Eq. (17) can been written into: 

2( )
s

iω ω− + + =M C K u F     (18) 

Structural sound radiation at a specific frequency is governed by the frequency-domain wave 

equation, i.e., the Helmholtz equation: 
2 2 0p k p′ ′∇ + =     (19) 

where k is wave number, defined as k cω= . On the boundary of vibrating structures, the 

relationship between the normal acoustic pressure gradient of the fluid and the normal 

acceleration of the structure is given by: 
2

0 2

sp
t

ρ
∂

′⋅∇ = − ⋅
∂

u
n n     (20) 
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where n  is the unit normal vector to the structure surface, and 
0

ρ  is the mean fluid density. 

After Fourier transform, it gives: 
2

0 s
p ω ρ′⋅∇ = ⋅n n u     (21) 

This is equivalent to give the second (Neumann) boundary condition to the Helmholtz 

equation. Eq. (20) can also be written as in frequency domain: 

0 n
p n i vωρ′∂ ∂ = −     (22) 

where 
n

v  is the normal fluid velocity at the interface, which is equal to the normal structural 

velocity due to the velocity compatibility condition. The Sommerfeld radiation condition must 

be satisfied at the boundary surface located at infinity, in order to ensure that all acoustic waves 

propagate freely towards infinity and that no reflections occur at this boundary: 

lim ( ) 0
r

p
r ikp

r→∞

′∂
′+ =

∂
    (23) 

Of the casing FEM model, a total of 34,896 shell elements were used in ANSYS
®
 regarding 

that the casing is a thin shell structure. The shell element has six degrees of freedom at each 

node: translations in the nodal x, y, and z directions and rotations about the nodal x, y, and z axes. 

The material is steel, so the density ρ = 7800 kg/m
3
, Young’s modulus E = 2.0×10

11
 Pa, and 

Poisson’s ratio ν = 0.3. The volute casing was fixed to the supporting stand by four fastening 
bolts at the casing backside. Three translational degrees of freedom of nodes at bolts were 

restricted to zero. 

In order to validate the casing FEM model, modal analysis was performed firstly. Of the 

FEM model, totally 112 modes under 2000 Hz were extracted. Modal impact experiment was 

conducted on the casing. A total of 201 points on the volute casing surface were impacted by 

moving the hammer. Three accelerometers were placed at three fixed locations to measure the 

responses. Therefore, a total of 201×3 frequency response functions were obtained. Modal 

parameters (natural frequencies and damping) were estimated by the least squares complex 

exponential method [29]. The computed natural frequencies of first seven modes are compared 

with the measured ones in Table 1; a good agreement is found between the results of FEM and 

EMA (experimental modal analysis). Estimated damping ratios were about 0.5 % of the poles 

around BPF in the stabilization plots of modal analysis, therefore we took the damping ratio 

0.005ζ =  to account for all the damping effects in the calculation of the harmonic response. 

 
Table 1. Natural frequencies of the casing structure  

FEA (Hz) 51.1 62.0 90.3 118 142 187 199 

EMA (Hz) 51.7 61.9 83.0 115 131 178 194 

Relative error % 1.2 0.16 8.8 2.6 8.4 5.1 2.6 

 

The amplitude of the casing normal vibration is shown in Fig. 14. The maximum normal 

velocity is 8.36 mm/s, i.e., the maximum displacement amplitude of the casing vibration is 

|8.36/iω| = 0.00229 mm = 2.29 µm, which is at the order of magnitude of micrometer. The 

vibration pattern is rather complex: several locations with large amplitude distributed over the 

whole casing surface. 

In this section, direct boundary element method (DBEM) was employed to calculate the 

sound radiation of the casing vibration. The BEM mesh and the field point mesh are the same as 

the previous section. As the surface mesh of DBEM acoustics must be closed, the inlet and 

outlet openings of the casing were blocked with elements. From the former structure FEA results, 

the casing normal vibration velocity 
n

v  was known, and zero normal velocity boundary 

condition was imposed on the elements of inlet and outlet openings. Therefore, only the surface 

sound pressure p′  should be solved. The radiated sound power by the casing vibration is 
77.12 µW (i.e., 79 dB), and the maximum sound pressure on the field point mesh is 0.119 Pa 
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(75.5 dB). The sound pressure distribution on the field point mesh is shown in Fig. 15; owing to 

the complex vibration pattern, the sound directivity is quite complicated. 

 

                   

Fig. 14. Amplitude of casing structural vibration         Fig. 15. Sound pressure distribution 

 

Compared to the BPF aerodynamic noise, the structural noise is fairly small. The 

contributions of the BPF noise are listed in Table 2: the casing aerodynamic noise is largest 

contribution followed by the blade noise, and casing structural noise is the smallest contribution. 

 
Table 2. Contributions of BPF fan noise  

BPF noise contribution 
Casing aerodynamic 

noise 

Blade aerodynamic 

noise 

Casing structural 

noise 

Sound Power Level 103 dB 91 dB 79 dB 

Maximum Sound Pressure 97.6 dB 86.9 dB 75.5 dB 

 

Though the casing structural noise is negligible compared to the aerodynamic counterpart, 

the study of flow-induced casing vibration and sound radiation is very important. Because in 

many application cases, fans, pumps and compressors are installed in pipelines, the noise around 

these facilities are ascribed to structural vibration; the internal flow-induced noise radiates into 

the air via casing structural vibration. Casing vibration is excited by both the hydraulic pressure 

wave (fluctuation) and acoustic wave caused by rotor-stator interactions. The hydraulic and 

acoustic pressure waves have the same frequencies, while the amplitude of the latter is usually 

several orders smaller than that of the former. Because their frequencies are coincident, the 

influences of acoustics waves on structural vibration are negligible [30]. Therefore, in this study 

the casing vibration was calculated by inputting only the hydraulic pressure at the fluid-wall 

interface. The fluid-structure-sound weakly coupling methodology presented in this study is 

intended for studying flow-induced casing vibration and sound emission of turbo-machinery, 

especially for pumps and compressors. 

 

Conclusions 

 

In this paper, the blade passing frequency (BPF) noise contributions of a centrifugal fan, i.e., 

casing aerodynamic sound, blade aerodynamic sound and casing structural sound, were 

systematically studied. The 3-D unsteady flow field of the centrifugal fan was simulated by CFD. 

The casing and blade aeroacoustic dipole sources were extracted according to the acoustic 

analogy theory from the unsteady flow field, and the aerodynamic sound radiation was solved by 

BEM taking into account the scattering effect of the casing structure. The forced vibration of the 

volute casing under the excitation of pressure fluctuation at the fluid-wall interface was analyzed 

by FEM, and the structural sound radiation was calculated by BEM. 

The flow field revealed the characteristics of impeller-volute flow interaction. Wakes exist at 

the blade suction side around the trailing edge. The circumferential non-uniform flow pattern at 
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the impeller outlet causes the regular pressure fluctuation on the downstream volute casing 

surface with the BPF as the fundamental frequency. The volute tongue which is closest to the 

rotating impeller among the whole volute surface constitutes the main aeroacoustic source. The 

blade suffers great pressure fluctuation as it sweeps over the volute tongue; however the BPF 

pressure fluctuation on the blade is not appreciable. 

As for the noise contributions, the casing aerodynamic noise is predominant with the sound 

power level of 103 dB; the blade aerodynamic noise is 91 dB, and the casing structural noise is 

79 dB. Therefore, in order to reduce the noise of this centrifugal fan, the aerodynamic noise 

should be abated, and the volute tongue being the main noise source is the primary target. 

The study of flow-induced casing vibration and sound radiation is important, although the 

casing structural noise is negligible compared to the aerodynamic noise. The fluid-structure-

sound one way coupling methodology presented in this study can be applied to various 

frequency noise caused by fan casing vibration. Moreover, its application can be extended to the 

forced casing vibration and sound emission of pumps and compressors, where sound emission is 

ascribed to structural and mechanical vibration. 
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