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Abstract. The vibration reduction shall be considered as the most important purpose of dynamic
performance optimization for gearbox, and some particular vibration is relevant to the modes of
integrated system of gearbox. The dynamic performance influences the reliability of gearbox
obviously, but it is difficult to be considered critically at the theoretical design phase. This paper
proposes a kind of “Gearbox Dynamic Design Methodology” which can control the system
vibration of the product at the theoretical design phase. The research investigates the relationship
between the vibration and the system modes of gearbox by using multi-body dynamic simulation;
and also discusses the method to regulate design parameters in order to optimize the mode
characteristic (modal optimization). The methodology is summarized as per the discussions, and
the effectiveness of vibration control is validated by multiple vibration experiments.

Keywords: gearbox, dynamic design methodology, vibration reduction, modal optimization.
1. Introduction

The gearbox is a kind of common transmission component which is widely applied to the
machinery systems, but it always has unexpected failures due to the complicated structure. The
gearbox fault will not only causes plenty of unnecessary maintenance and repair works, but also
make some limitations for the gear machinery applications. In general, the engineer who carries
out the gearbox design is conditioned to pay more attentions to the static strength and fatigue life
of the meshing gears and other parts (such as bearings), because they have basic performance
requirements for their mechanical components. To understand the generation mechanism of the
gearbox fault, Liang et al. [1] reviewed and discussed the relevant literatures which were focused
on the dynamics based gearbox fault modeling. They summarized that the structure parameters or
performances, such as gear tooth backlash and bending or shear deflection and so on would lead
dynamic problems for the gearbox. The researchers prefer to focus on developing gearbox
dynamic models with faults in order to understand the gear fault generation mechanism, and then
developing effective fault detection and diagnosis methods; Tosun, Yildiz and Ozkan [2]
investigated the vibration of vehicle gearbox and carried out a modal analysis to examine the
modes of the dominant path components, they validated the vibration was obviously relative to
the whine noise of the gearbox; Weigang et al. [3] analyzed the fatigue strength of high speed train
gearbox housings, they recognized that the serious vibration and impact during the high speed
train running would cause fatigue cracks in the gearbox housings. The above-mentioned literatures
indicate that serious vibrations during the gearbox running will cause harmful dynamic problems
and faults. So this information implies that it is not enough to consider the regular performance
only in the gearbox design.

The dynamic performance of the gearbox shall be regulated to control the harmful vibration,
but it is difficult to be considered specifically at the theoretical design phase. Actually, some
previous researches in recent decades have demonstrated that many factors could influence the
dynamic performance of the gearbox. For example, Zuoqing and Xuezhi [4] supposed that the
vibration and noise problems in gear transmission were relevant to gear meshing stiffness and
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damping; Fakher et al. [5] investigated the relationship between the gearbox vibration and the
fluctuating load conditions, the experimental validation also confirmed that the time-varying load
effects should be the main excitation for the dynamic performance responses of the gearbox; Jing
et al. [6] considered the transmission error was an important reason for the instability in helical
gears, they concluded that some basic gear meshing parameters, such as involute contact ratio,
bearing supporting stiffness, mesh damping and backlash and so on could influence the dynamic
transmission errors, and the vibration stability of the helical gear system was obviously involved
in gear train transmission errors. Regarding to other factors besides gear meshing, Noroozi et al.
[7] validated that the strength and stiffness of the foundation support structures were also relevant
to gearbox vibration problems; Feki et al. [8] made a frequency analysis for two cases of a certain
two-stage planetary gearbox in order to investigate vibration signals, the results demonstrated that
the specific geometry and structure of gear train were relevant to dynamic responses. The
conclusions imply that the dynamic performance of gearbox can be decided as long as to design
the geometry of the gear train and the structure of the gearbox.

Presently, the common methodology for gearbox vibration reduction is to carry out the certain
particular modification strategy on the basis of the specific gearbox vibration reasons. The actually
applied technology might not be popular enough due to the different vibration mechanism.
Qingzhong et al. [9] considered that the internal excitations (gear meshing frequency) of gear
transmission system should be the source of gearbox housing vibration. They proposed an active
vibration control method by applying an additional control load to decrease vibration, and the
experiment results indicated that the method was obviously effective; Kurushin et al. [10] applied
an elastic system for gear meshing to reduce the gear vibration by regulating the gear tooth
meshing stiffness; Dogruer and Pirsoltan [11] proposed a kind of nonlinear active vibration control
method by regulating the dynamic transmission errors, the effectiveness of their method was also
validated by experiment. Actually, the above-mentioned vibration control methods shall be carried
out on the basis of practical gearbox prototypes, the effectiveness of any vibration reduction
modifications will be limited because the dynamic properties of gearbox have been decided once
the design has been finished. Consequently, the “dynamic design methodology” for gear
machineries, which can design the dynamic properties positively at the theoretical design phase,
is very significant for decreasing the gearbox vibration effectively.

Hiremath and Venkataram [12] attempted to design a high speed gearbox with the
consideration on dynamic requirement conditions; their works can demonstrate the concept that
the dynamic performance of the gearbox can be designed. This paper will investigate the dynamic
performance and vibration mechanism based on a case of over-vibration gearbox. The relevant
analysis, such as modal analysis, time domain analysis and frequency analysis, will be carried out
by flexible multi-body dynamic simulations. According to the theoretical results and experimental
validations, the detailed procedure of “dynamic design methodology”, which is to regulate the
designable geometry parameters in order to optimize the modal information and dynamic
characteristics, will be proposed and defined as “modal optimization”.

2. Modeling

The investigation in this paper will be carried out on the basis of a case of wind turbine gearbox
with seriously high vibration. The wind turbine gearbox was designed as typical transmission
concept which had TWO planetary stages and ONE parallel axis stage, and the power requirement
was 1.7 megawatt (MW). The others specific technical parameters are listed in Table 1.

Table 1. Wind turbine gearbox parameters

Rated drive power 1700 kW Rotating direction | clockwise
Rated generator rotating velocity 1810 rpm Rated input torque | 1015 kNm
Generator rotating velocity range | 1030-2040 rpm Total ratio 113.125
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2.1. Issue description

The gearbox was reported as having serious vibration at the high speed shaft (HSS) when it
was operating under the rated rotating velocity and load conditions. The vibration test result (an
acceleration sensor was set at the rear housing, Fig. 1) indicated that the highest vertical
acceleration of the HSS was 20.68 m/s? (Fig. 2). This phenomenon indicated that the terrible
dynamic problem existed in the gearbox because the vibration of parallel axis stage exceeded the
limitation seriously (7.5 m/s?, VDI 3834), so it should be solved otherwise the serious fault of the
wind turbine could happen shortly.

.FY 2 - Spectrum (B=11E3]
Peak Cursors ||
X| #)>| Select tem Below:
- Stetus View L]
+ 5. 1IHSS(Z) - OAIL: 2.068 [RMS] Vertical 8
08 # 6.NHSS(Y) - OAl 1.483 [RMS]  Radial
+-7. NHSS(X) - OAIE 09218 [RMS] Axial
=1 8. NRING(Z) - OAIE 1.925 [RMS)
=} 256.250, 0.00066
(1) 935.938,1.331
06 —
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Position

(2) 940,000, 0.4830
(3) 875.625,0.0680
(4) 931.563,0.8161
(5) 927.500,04726
(6) 1811.563,0.0592
(7) 1871.875,0.2665
(8) 944.375,0.2648
(9) 996.250,0.0833
(10) 933.125,0033

Fig. 1. Acceleration sensor position Fig. 2. Original vibration test result

To investigate the vibration source and to research its generation mechanism, a flexible
multi-body model of the faulted wind turbine gearbox will be built for a dynamic simulation. The
simulated model will be used to analyze the dynamic performance of the gearbox transmission
system in order to find the most significant issues for the HSS vibration generation. After that, a
reliable optimizing modification scheme will be proposed according to the simulation results,
which were derived from the modeling, and relevant discussions.

2.2. Multi-body dynamic model

The software tool was used for modeling is SIMPACK, it is a kind of professional software
for solving mechanical dynamic problems. Modeling assignments should consider following 4
segments: components system, transmission system, boundary conditions and load conditions:

— Components system: all of the rotating components and housing parts of the gearbox shall
be considered; mass and rotary inertia of each component in the model shall be defined exactly;
the elastic characteristic (stiffness matrix) of all the shafts shall be considered, the rear housing
and its cap shall also be considered as flexible components because they are relevant to vibration
responses of parallel axis stage directly.

— Transmission system: all the meshing gears in the gearbox drive train (two planetary stages
and one parallel axis stage) shall be defined in the model, the gear meshing stiffness and damping
shall be considered for the analysis.

— Boundary conditions: the gearbox modeling shall consider the stiffness of the connections
between certain two components adequately, such as interference fit, spline connection, elastic
support to the gearbox torque arm and coupling etc. The 6-DOF stiffness matrix of all bearings
(especially the HSS bearing) shall be considered in order to calculate the vibration responses of
HSS as accurately as possible.

— Load conditions: input and output torque and rotating velocity shall be defined as rated load
condition (output torque and rotating velocity can be calculated according to the gearbox ratio).

The completed simulation model with above-mentioned considerations and requirements is
illustrated by Fig. 3. The specific analysis and discussions are presented in subsequent sections.

The purpose of the multi-body dynamic analysis is to calculate the vibration responses on
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particular component by solving the coupled dynamic equation set. The analytical solutions
regarding the vibration performance of the gearbox drive train shall be considered as the
predictions to the gearbox prototype vibration. Theoretically, with the consideration of the
relevant boundary conditions such as mass; rotating inertia; damping; elastic matrix and so on, the
dynamic equation of the gearbox drive train can be written by the following equations [13]:

Mii+Cu+Ku=F, (1)

where: u is the generalized displacement vector; M is the generalized mass matrix; C is the
generalized damping matrix; K is the generalized stiffness matrix.

For the theoretical derivation, the designation of symbols in the formula shall be defined as
per following nomenclature in Table 3.

Fig. 3. Multi-body dynamic modeling of wind turbine gearbox

2r
1p
(1,2,3) 4
2p
(123) 3hs|
T Output
2c T
Input L] 3w
77777 2s

Fig. 4. Gearbox transmission concept

Table 2. Nomenclature of gearbox components
Input: Power input, low speed shaft
Output: Power output, high speed shaft
1c/2c: stage 1/2 carrier
1r/2r: stage 1/2 ring gear
1s/2s: stage 1/2 sun gear shaft
1p (1, 2, 3): stage 1 planet gears (3 gears)
2p (1, 2, 3): stage 2 planet gears (3 gears)
3w: stage 3 wheel gear
3hs: stage 3 high speed gear (pinion gear)
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Table 3. Nomenclature of symbols in formulas

Subscript Signification Values
c,Dp,S, T c-carrier, p-planet, s-sun, r-ring -
pj The number of planet gear in a stage j=12,3
i The number of stage i=1,2,3
Items Signification Values
0. Angular displacement of the k i=123
ik component in stage i k=s,1,¢ P02, P3. W, hs
T Rotating radius of planet gears in i stage i=1,2,3
Thik Base radius of gear components in i stage k=s,7,p1,P2,P3, W, hs
Eoo I JCoen Meshing error/stiftness/damping between sun
Efsm. / KL'SW' p CL_SW. gear and planet gear; ring gear and planet gear in i=1,2
ey rp)T TP | stage i; wheel gear and high speed gear in stage j=12,3
E3whs/K3whs/C3whs 3;
Coupling stiffness/damping between stage 1 sun
KlsZc/CISZC d 2 A 2 _
Kolie gear and stage 2 carrier; stage 2 sun gear
2s3wi=2s3w and stage 3 wheel gear;
Tinput! Toutput Input/output torque —
Lix The rotary inertia of k component in stage 1 _
Ly The rotary inertia of k component in stage 2 k=c,s, 7,1, P2, P3, W, hs
as/aqy Working pressure angles of sun gear
Aps/Qpy and ring gear in stage 1 and 2 B
Lice The equivalent rotary inertia of stage 1 carrier Lice = L1 + 3M1pr120
Lree The equivalent rotary inertia of stage 2 carrier Lce = L + 3My13,
My, Mass of planet gears of stage 1
M, Mass of planet gears of stage 1 a

The drive train of the gearbox is a typical multi-body system, so the factors in the formula
which can describe the dynamic transmission characters shall be generalized in a matrix or by
vectors with the consideration of the coupled components in such an integrated system. According
to the listed nomenclatures, the dynamic equation can be expanded as follows.

The generalized displacement vectors u are:

T
u= [ulc,uls,ulp1,u1p2,u1p3,u2c,u25,u2p1,u2p2,u2p3,u3w,u3hs] ,

Uic = 7"109101 Uis = rblsglsl ulpj = rblpjglpj'

Uz = 7"209201 Ups = rbZSGZSJ uij = Tb2pj92pj'

Uzw = 7"b3w93w: Ugzps = rb3h593hs-

The generalized mass matrix M is:

M= dlag(mlc: My, Myp1, Myp2, Mip3, Mo, Mos, Mop1, Map2, Mop3, May, m3hs)t

_ Ilce _ [15 _ Ilpj
Mic =77 Mis =5 Mpj =75
Tc Tp1s 7"blpj
_12ce _ L5 _ IZP]'
Mye =75 Mas =5 Myp; =75,
2c Thas rprj
_ I3w _ I3hs
thW - .2 M3ps = 2 .
Th3w Th3ns

The generalized damping matrix C is:
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r 3 3 3
2 2 2
oSy g Z Cyspj + cOSyy Z Cirpj —COSQy Z Cispj  Cirp1€0S@yy — Cigp1€0SAys  Cpppp€OSAy — CygprCOSAyg
Jj=1 Jj=1 Jj=1
3 C 3
2 1s2¢
C= —C0SQy5 Z Clspj 72 + Z Clspj Clspl
=1 bls =1
Clspl + Clrpl 0
szz + Clrpz
symmetric

The generalized stiffness matrix K is:

3 3 3

2 2 2
Cosay¢ Z Kispj + cosay, Z Kirpj —COSQys Z Kispj  Kirp1€0S@ty, — Ki5p1008ays  KyppaCOS@y, — KygpoCOSQy6
j=1 j=1 j=1

2
K= —C0Sy ¢ Kispj Kispr

e
Sy
58
+
g
=
3

I
=
-
Il
fus

J
Klspl + Klrpl 0
Klsyz + Kl"rpz

symmetric

F is generalized force vectors, the matrix is:

[ T 3 3 3 3 )
i . .
T_ — COSa ¢ Clsijlspj + Z Klsijlspj + CoSaqy Clrijlrpj + Z Kl‘rijlrpj
1e j=1 j=1 j=1 j=1
3 3
Clsm‘ Elsm‘ + z Klspj Elsm‘
j=1 j=1
F = Cisp1Eisp1r + Kisp1Eisp1 + Cirp1Evrpr + Kirp1E1rpt
ClspZElspZ + KlspZElspZ + ClrpZElrpZ + KlrpZElrpZ
Cisp3Eisps + KispaEisps + CirpszErrps + KirpsEvrps
3 3 3 3
Ccosayr CerjEZij + Z KerjEerj — COSazs CZsijZSpj + Z KZsijZSpj
=1 = = =1

According to the above expanded factors, an undamped free vibration equation can be derived
from the dynamic equation, so it is considered as the theoretical basis for a modal analysis of a
multi-body system of wind turbine gearbox:

(w?M — K)y; = 0, (2)

where: w; is the eigen value of mode i; ; is the mode shape of mode i.

The particular solutions of above equation are results of modal analysis, which includes the
eigen values and mode shapes of the system modes. All of the above analytical procedure will be
carried out using the Simpack solver, and the results and relevant discussions will be mentioned
in the next sections.

3. Simulations on original model

To understand the derivation of serious vibration of the faulted gearbox, the primary
assignment is to calculate the vibration response of the sensor position on the rear housing (see
Fig. 1), and the analysis can be carried out by a multi-body dynamic simulation for the gearbox
model with original design parameters (original model). The theoretical simulation results shall
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be similar to the experimental data in order to guarantee the reliability of the simulation model,
and the following studies on the basis of this model shall make sense for the research. The
following figures illustrate the original results of directional acceleration responses of the sensor
position on the basis of a frequency domain analysis:

Figs. 5-7 all have significant peak values of directional acceleration. The phenomenon
indicates that the maximum acceleration response will appear on a certain exciting frequency. It
means there will be additional vibration load due to serious acceleration response (according to
the Newton’s second law). The load shall be controlled effectively otherwise it will cause harmful
fatigue problems to the drive train. Particularly, Fig. 5 illustrates the peak vertical acceleration is
20.355 m/s?, and the corresponding exciting frequency is 933.2 Hz; the peak radial and axial
accelerations are 10.207 m/s? (Fig. 6) and 8.192 m/s? (Fig. 7), and the exciting frequencies are
same as the vertical. Obviously, all of the peak directional accelerations exceed the limitation
(7.5 m/s?, VDI 3834), and the vertical acceleration response is the most serious of all; the situation
consists with the reality absolutely. Other radial and axial acceleration values which are only less
than peak values can be ignored because such acceleration responses do not exceed the limitation.
Consequently, the significant exciting frequency which causes peak directional accelerations is
933.2 Hz. Table 4 lists the comparison between simulation results and experimental data (see
Fig. 2), the data indicate that the simulation results are almost similar to the experimental data.
The obvious error in the radial direction is believed to be caused by the boundary conditions
disagreement between simulation and experiment; the model is still reliable enough because the
simulation results consist with the experimental data basically.

25)

(933.2,10.207)
(933.2,20.355)
20

Acceleration-Vertical [m/s*2]
Acceleration-Radial [m/s*2]

3
76 X 10 80 02

an

x10°
0 0z 04 06 08 10 12 14 04 06 08  T0 12 14 16

Frequency [Hz]
Fig. 5. Vertical acceleration (original)

Frequency [Hz]
Fig. 6. Radial acceleration (original)
10,

(933.2,8.192)
8

Acceleration-Axial [m/s*2]
»

6 x10°

o

0 02 04 06 08 10 12 14

Frequency [Hz]
Fig. 7. Axial acceleration (original)

Table 4. Original comparison (sim./Exp.)

Direction | Simulation (m/s?) | Experiment (m/s?)
Vertical 20.355 20.68
Radial 10.207 14.83
Axial 8.192 9.218
Peak vibration frequency: 933.2 Hz
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Generally speaking, the exciting frequency is not permitted to approach any eigen values of
natural frequencies for avoiding resonance risk. This question can be validated by carrying out the
modal analysis on the gearbox drive train. Furthermore, the gear meshing shall be the most
significant excitation to the gearbox, and the mesh frequency can be calculated according to the
numbers of teeth and rotating velocities of the gear pair. For the investigation in this paper, it is
necessary to pay more attention to the mesh frequency of parallel axis gear stage because the
excitation shall be the main reason of the serious vibration on rear housing. The mesh frequency
can be calculated by the following equation:

n,Z anb
fmesn = goa = 60 3)

where: f0sn 1 the mesh frequency; n,, n;, are rotating velocities of each gear in gear pair (rpm);
Z4, Zy, are the numbers of teeth of each gear in gear pair.

The numbers of teeth and rotating velocities are the basic parameters for gearbox design. In
this research, the primary parameter Z,/Z, is 127/31, and the module is 7 mm; the mesh
frequencies with different input rotating velocities (see Table 1) are listed in Table 5.

Table 5. Parallel axis gear stage mesh frequency

Work condition | HSS rotating velocity (rpm) | Input rotating velocity (rpm) | Mesh frequency (Hz)
Cutin 1030 9.122 532.17
Rated 1810 16.029 935.17
Cut out 2040 18.066 1054

# 169/ 170 | -8.0724B401 +/- 4.0354E+03 |  0.0200  642.2547 642, 3832

# 171/ 172 | -1.6065E+02 +/- 4.0919E+03 0.0392 651. 2450 651. 7467 1100 Rated rotating velocity

# 173/ 174 | -8.567T1E+01 +/- 4. 2140E+03 0.0203 670.6794 670. 8180 —Hss_mesh_frequency

# 175/ 176 | -1 17168402 +/- 4.88576+03 |  0.0240  777.5876 777, 8111 e

# 177/ 178 | -5.9853E+02 +/- 4. 9243E+03 0.1207  783.7212 789. 4952 1040 ---rating

# 179/ 180 | -1.0200E+02 +/- 5.0991E+03 0.0200 811. 5405 811. 7029 £ NO1

# 181/ 182 | -1 0201B+02 +/- 509928403 |  0.0200  811.5676 811.7300 980 mesh frequency = 935 Hz -

# 183/ 184 | -6.7750E+02 +/- 5.1790E+03 |  0.1297 84,2639 831. 2869 - 1 Ne2

# 185/ 186 | -1.2335E402 +/- 5.20338+03 |  0.0237  §28.1232 828. 3558 o

# 187/ 188 | -3.1410E+02 +/- 5.43B0E+03 0.0577 865. 4834 866. 9259 920 -

# 189/ 190 | -2.7838E402 +/- 5.4817E+03 |  0.0507  872.4458 873.5701 ~1No&

# 1917192 | -1 9791B+02 +/- 5.61528403 |  0.0352 8936830 8942319 860 NS

# 183/ 194 | -2.0089E+03 +/- 5.8329E+03 |  0.3256  928.3332 981.8473 -

# 195/ 196 | -1.7228E+02 +/- 5. 9040E+03 0.0292 939. 6526 940. 0525 800 f_NO6

# 197/ 198 | -1.2622E+02 +/- 6. 3097TE+03 0. 0200 1004. 2182 1004. 4191 et NOT

# 199/ 200 | -1.26238402 +/- 6.3101E+03 |  0.0200  1004.2910 1004, 4913 -

# 201/ 202 | -1.4697E+02 +/- 6.3734E+03 |  0.0231 1 0 1014, 6297 740 No8

# 203/ 204 | -2.028TE+02 +/- 6. TTS1E+03 0.0299 1078. 2954 1078. 7787

# 205/ 206 | -1.0414E+02 +/- 7.1121E+03 0.0146  1131.9192 1132. 0406 680 oo

# 207/ 208 | -3.2214B+02 +/- 714318403 |  0.0451 11368631 1138, 0186 N0

# 209/ 210 | -1.5385E+02 +/- 7.2797B+03 |  0.0211  1158.6069 1158, 8656

# 211/ 212 | —4.2418E+02 +/- 7.3131E+03 0.0579 1163. 9120 1165. 8683 620 N1

# 213/ 214 | ~4.51338402 +/- 7.3436E403 |  0.0613  1168.7653 1170. 9705 N2

# 215/ 216 | -1 0801B+03 +/- 7.3510E+03 |  0.145¢ 1169, 9550 1182.5162 560 -

# 217/ 218 | -1.0962E+03 +/- 7.3511E+03 0.1475  1169. 9659 1182. 9027 N3

# 219/ 220 | -9.6080B+02 +/- 7.3679E+03 |  0.1293  1172.6369 1182. 5652 (N14=930 Hz

# 2217 292 | -1.4740B+02 +/- 7.3687E+03 |  0.0200  1172.7667 1173, 0013 500 -

# 223/ 224 | -3.1591E+02 +/- 7.4309E+03 0.0425 1182. 6595 1183. 7277 9122 10016 10911 11.805 12700 13.504 14.488 15383 16277 17.172 18.066 fN15

# 225/ 226 | -4.2884E+02 +/- T.4694E+03 |  0.0573  1188.7921 1190, 7497 i i

# 227/ 228 | -1.87T04E+02 +/- 7.5047E+03 0.0249 1194. 4148 1194. 7857 Input rotating velocity (rpm) e
Fig. 8. Original eigen frequencies Fig. 9. Campbell diagram (original model)

Table 5 indicates that the mesh frequency of HSS in the rated rotating velocity is 935.17 Hz,
and it is highly approaching 933.2 Hz. This situation implies that the maximum vibrations on the
rear housing shall be the response to the excitation of HSS mesh frequency. To research the
relationship between the exciting frequency and natural frequency, the modal analysis on the
gearbox drive train shall be carried out to obtain the eigen values of the natural frequencies. Fig. 8
illustrates the eigen frequencies, it indicates a mode with the natural frequency 939 Hz, and the
eigen frequency is highly approaching the exciting frequency. Fig. 9 displays a Campbell diagram
which was derived from the data in Table 5 and Fig. 8, it illustrates that the line which states the
exciting frequency (Hss mesh frequency) intersects with the line which states the natural
frequency (f N14); the point of intersection locates very close to the rated input rotating velocity.
All of the phenomena imply that the parallel axis gear stage has potential resonance, and the
particular excitation shall be the HSS gear meshing on the rated work condition. In other words,
the maximum vibration appears when the drive train achieves to the rated rotating velocity. This
deduction absolutely consists with the problem which is performed by a vibration test.

The above analysis results demonstrated that the faulted vibration of wind turbine gearbox had
been mainly caused by potential resonance. The reason of resonance is that the HSS gear meshing
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exciting frequency approaches the eigen frequency of a certain mode. Consequently, it should be
effective to create a significant difference between the exciting frequency and eigen frequency of
a particular mode for vibration reduction, but the modal information is difficult to be modified
because it has been decided absolutely in the gearbox drive train design. To consider this situation,
it is possible to create such a frequency difference mentioned above by choosing suitable numbers
of teeth, and the best scheme shall be decided with the consideration of eigen frequencies of drive
train. This “modal optimization” theory can be defined as a new kind of “dynamic design
methodology”, and the effectiveness regarding vibration control will be validated.

4. Simulations on optimized model

According to Eq. (3), the HSS gear meshing frequency can be regulated by changing the
numbers of teeth of the gear pair (the rotating velocities are steady), and other gear geometry
parameters shall also be modified. Basically, any modification shall guarantee that the ratio of
modified parallel axis gear stage should be similar to the original model; and the actual tooth
strength should satisfy essential strength requirements. Furthermore, the most important
consideration is that the modified HSS meshing frequency should locate between the eigen
frequencies of certain two adjoining modes, and there are sufficient differences between HSS
meshing frequency and eigen frequencies. For the expected modification, the original gear
parameters of HSS gear pair can be regulated to meet the frequency requirements. The optimized
gear parameters according to the original model are listed in Table 6.

After optimization, the current HSS meshing frequencies with different input rotating
velocities are listed in Table 7.

Table 6. Gear parameters comparisons between original and optimized model

Parameters Original model | Optimized model
Module 7 mm 9 mm
The number of teeth 31 127 22 90
Shift factors 0.2498 | —0.2346 | 0.3361 | 0.1062
Helix angle +9° +25°
Table 7. Parallel axis gear stage mesh frequency
Work condition | HSS rotating velocity (rpm) | Input rotating velocity (rpm) | Mesh frequency (Hz)
Cut in 1030 9.135 377.67
Rated 1810 16.052 663.67
Cut out 2040 18.092 748

Table 7 indicates the optimized HSS mesh frequency (on rated work condition) is reduced to
663.7 Hz. Fig. 10 indicates that the two eigen frequencies which are similar to optimized HSS
meshing frequency (663.7 Hz) are 651.2 Hz and 670.7 Hz, the influence of potential resonance
shall be decreased significantly because there are sufficient differences between the exciting
frequency and eigen frequencies. The Campbell diagram illustrates the relationships between the
optimized HSS meshing frequency and all the natural frequencies; it is clear that the points of
intersection between the exciting frequency line and the eigen frequency lines are far away from
the rated rotating velocity (the black points in Fig. 11). The phenomenon implies the potential
resonance risk can be avoided successfully when the drive train is operating at the rated rotating
velocity, and consequently the vibration of the drive train shall be decreased effectively by the
“modal optimization” methodology. The deduction will be demonstrated and validated by the
multi-body dynamic simulation based on the optimized model.

Figs. 12-14 illustrate the optimized results of directional acceleration responses of the sensor
position; the boundary conditions and the analysis procedure are same as the frequency domain
analysis on the basis of original model. The resulting figures present that the peak directional
acceleration responses and their corresponding excitations are changed obviously. First, the
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significant exciting frequencies which are relative to peak directional accelerations are changed
from 933.2 Hz to 666.6 Hz due to the modification of the numbers of teeth. The optimal exciting
frequency is different from eigen frequencies significantly in the case. Second, Table 8 lists the
peak values of directional acceleration of the original model and the optimized model; the
comparison indicates that the vibration of the drive train has been decreased significantly: the
optimal peak vertical acceleration was decreased to 5.563 m/s?> (Fig. 12), it was reduced by
72.67 %; the optimal peak radial and axial accelerations were 3.445 m/s? (Fig. 13) and 2.481 m/s?
(Fig. 14), they were reduced by 66.3 % and 69.7 % individually. The principle is that the potential
resonance which exists in HSS is avoided by regulating the numbers of teeth of HSS gear pair.
Other radial and axial acceleration values which are only less than peak values can also be ignored
as the original results. After optimization, the vibration response in each direction has been
regulated to the acceptable value which was less than limitation (7.5 m/s?, VDI 3834). This
situation indicates that the vibration load which is derived from directional acceleration response
is controlled effectively, and the fatigue life and reliability of the HSS gears are improved
significantly. The results are consistent with the situations which are displayed in the Campbell
diagram of optimized model (Fig. 11), and they imply that the gear geometry parameters are
relative to the vibrations of drive train.

# 169/ 170 | -8.0724E+01 +/- 4.0354E+03 | 0,000 642, p5a7 642. 3832
# 171/ 172 | -1.6063E+02 +/~ 4. 0315E+03 00392 6511894 651, 6910 Rated rotating velocity s mesh
# 173/ 174 | -8.5707E+01 +/- 4. 2140E+03 0.0203 670. 6369 670, 8256 850 'ss_mesh_frequency
# 175/ 176 | -1.17138+02 +/- 4.8860E+03 | 0.0240 T3 777, 8509 —--rating
# 177/ 178 | -5.984TE+0Z +/- 492458403 |  0.1206 7837515 789, 5181 795
# 179/ 180 | -1.0200E+02 +/- 5.0991E+03 0. 0200 811. 5405 811, 7029 f_No1
# 181/ 182 | -1.0201E+02 +/- 509928403 |  0.0200  811.56T6 8117300 N2
# 183/ 184 | -6.7473E+02 +/- 513088403 |  0.1291 8245518 83115153 40 .
# 185/ 185 | -1.2329E+02 +/- 520368403 |  0.0237  828.178 828, 4112 N0
# 187/ 188 | -3.1229E+02 +/- 5. 4370E+03 0.0573 865, 3240 866, 7502 685
# 189/ 190 | -2.7695E+02 +/- 5.4810E+03 0.0505 872.3253 873, 4382 e No4
# 191/192 | -1.9962E+02 +/- 5.6141E+03 |  0.0355  893.5059 394, 0705 630 £ NS
# 193/ 194 | -2.0070E+03 +/- 5.830ZE+03 |  0.3255 9279115 981, 3525 -
# 195/ 196 | -1.7287E+02 +/- 5. 9025E+03 0.0293 939. 4152 939, 8180 1_NO6
# 197/ 198 | -1.2622E+02 +/- 6. 3097E+03 0.0200 1004, 2182 1004, 4191 575 o NOT
# 199/ 200 | -1.2623E+02 +/- 631018403 |  0.0200  1004.2910 1004, 4319 .
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# 211/ 212 | -5.2679E+02 +/- 7.2857E+03 0.0721 1159. 5571 1162, 5842 410 fN11=651.2Hz
# 213/ 214 | -5.1930E+02 +/- 729418403 |  0.0710 11608349 1165.8233 _
# 215/ 216 | -1.4T40E+02 +/- 7. 3687E+03 0.0200 11727667 1173.0013 355 {N12=670.1 Hz
# 217/ 218 | -3.1715E+02 +/- 7.4325E+03 0. 0426 1182. 9261 1184, 0026 1N13
# 219/ 220 | -1.8501E+02 +/- 7.50668403 |  0.0248 11947077 1195, 0741 -
# 221/ 222 | -4.7350+02 +/- T.51556+03 |  0.0629 11961284 1198, 5003 300 N1
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Fig. 10. Optimized eigen frequencies Fig. 11. Campbell diagram (optimized model)
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The simulation results from the optimized model have demonstrated that the vibrations can be
controlled by regulating gear meshing frequency; the numbers of teeth shall be defined critically
to decrease the influence of potential resonance. Actually, the potential resonance shall be avoided
as much as possible in order to optimize the vibration performance of gearbox drive train.
Furthermore, the results of modal analysis have indicated that the eigen frequencies of gearbox
drive train would not be affected significantly by changing the gear geometry parameters, but the
exciting frequency could be regulated conveniently by deciding the numbers of teeth and rotating
velocities. Consequently, the gear geometry parameters can influence the vibration performance
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due to the determinations of meshing frequency. It will be useful for avoiding potential resonance
to design the suitable gear geometry parameters with the consideration of modal optimization.
This conclusion is the most important theory of dynamic design methodology, and the
effectiveness can be validated by the experimental method.

3.0

(666.6,2.481)
2.5

Acceleration-Axial [m/s*2]

08002 o2 — o6 o8 10 12 14 16 X0
Frequency [Hz]
Fig. 14. Axial acceleration (optimized)

Table 8. Simulation results comparison

Direction | Optimized (m/s?) | Original (m/s?)
Vertical 5.563 20.3547
Radial 3.445 10.2069
Axial 2.481 8.1921

5. Experimental validation

A vibration test was carried out on a two megawatt back-to-back gearbox test rig. The
optimized wheel gear and high-speed shaft gear are manufactured to be assembled. It is necessary
to be noticed that other geometry parameters of the modified gears, such as helix angle and shift
factors, shall also be updated to guarantee the central distance of modified gear pair is consistent
with the original design. It is very important for the interchangeability of the high-speed stage.
The main purpose of vibration test is to examine the acceleration level in the position which was
displayed in Fig. 1; consequently a 3-axis acceleration sensor was installed on the sensor position
to capture the acceleration data. The vibration test was repeated five times to obtain the maximum
vertical acceleration value (the vibration acceleration is concerned significantly) for evaluation.
The Fig. 15 indicates the general assembly of the test rig.

Primary Accompanying
test gearbox test gearbox

Rear housing Iﬁ Front housing m
Motor HSS coupling
0 Middle
housing
. _ Main shaft @ 3 axis acceleration sensor
Inner ring Inner ring

Torque arm

Fig. 15. Two megawatt back-to-back test rig for vibration test

The original vibration test result displayed in Fig. 2 also derives from identical test system and
strategy. The test results indicated that there were serious vibrations on the rear housing due to the
potential resonance in the high-speed stage. After necessary modifications with the consideration
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of modal optimization, the potential resonance influence shall be avoided, and the vibrations of
the optimized gearbox are decreased significantly.

Fig. 17 displays the results of vibration test for the optimized gearbox with the maximum
vertical acceleration value among multiple experiments (the test was repeated five times). The
results were obtained from the third test, and they were considered as the most significant
experimental results of the optimized gearbox. Table 9 compares the experimental results of the
optimized gearbox with the vibration test results of the original gearbox; Table 10 contains
comparisons between the experimental results of the optimized gearbox and the simulation results
of the optimized model. The data showed in the figure and tables indicate that the vibrations of
the faulted gearbox are all reduced to the levels under the limitation. The phenomenon validates
the effectiveness and significance of modal optimization; it means that some basic vibration
responses, which are determined by modal information of the gear drive train, can be controlled
in the design process with the consideration of modal optimization. Consequently, the
methodology, which is applied to design the gear geometry parameters for the purpose of
controlling the potential resonance influence on the drive train, is defined as “Dynamic Design
Methodology” of the gearbox.

W2 Specim =

=
0.00029
439 [Rus) Radial

- [l £

2 “

&0
Freauency (Hz)

Fig. 16. Vibration test rig Fig. 17. Optimized vibration test result

Table 9. Experimental results comparison

Direction | Optimized (m/s?) | Original (m/s?)
Vertical 6.399 20.68
Radial 4.896 14.83
Axial 2.468 9.218

Table 10. Optimized comparison (sim./Exp.)

Direction | Simulation (m/s?) | Experiment (m/s?)

Vertical 5.563 6.399
Radial 3.445 4.896
Axial 2.481 2.468

6. Conclusions

The paper describes a case study to investigate the methodology of gearbox vibration
reduction. The relevant discussions demonstrated that the production mechanism of the faulted
gearbox vibration was the potential resonance on the rated work condition. According to the
results of milt-body dynamic simulation, the recommended solution for avoiding the resonance
influence is to modify the basic gear parameters (especially the numbers of teeth and modules) to
regulate risky exciting frequency. The effectiveness of such “modal optimization” strategy for
gearbox vibration reduction was validated by the experimental method. Basically, the proposed
solution for the faulted gearbox in the case study indicates that the basic gear parameters shall be
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decided with the consideration of modal information of the drive train. The specific processes for
determining basic gear parameters can be defined as a kind of “Gearbox Dynamic Design
Methodology”, it is practicable to be carried out at the theoretical design phase of gearbox.

This paper is focused on the proposed “Gearbox Dynamic Design Methodology™, it is a kind
of the optimal design method in nature. The particular processes shall include the following steps:

1) To design primary gear geometry parameters and gearbox structure on the basis of essential
strength requirements as a regular gearbox design procedure.

2) To calculate the exciting frequencies of each stage according to the range of working
rotating velocities and transmission ratios.

3) To carry out a multi-body dynamic modal analysis for the integrated drive train of the
gearbox, a Campbell diagram is made to compare the eigen frequencies and exciting frequency in
order to evaluate the risk of potential resonance.

4) To regulate the numbers of teeth and module of all gear pairs in the drive train for the modal
optimization (the transmission ratios should not be changed). The expected status is that the
exciting frequencies of each stage will not be accordant to any eigen frequencies. It may be
difficult to achieve the expected status perfectly, but it is still recommended to keep the rated
exciting frequency away from the eigen frequencies significantly.

Once the gearbox prototype has serious vibration problem after manufacturing, it will make
high costs for maintenance or modification. The vibration problem may not be solved effectively
because the passive solutions for vibration problems will have many limitations due to the fixed
structure. Generally speaking, the regular gearbox design strategy can hardly consider the
vibration performance of ongoing design scheme, but the proposed “Gearbox Dynamic Design
Methodology” can help designers to consider or predict the vibration performance of the gearbox
at the theoretical design phase. If the gearbox products can be designed with the methodology, the
risk of potential resonance can be avoided to limit the basic vibrations determined by the system
mode, and the integrated vibration performance of the drive train will be controlled effectively.
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