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Abstract. In this article, the authors present a method for calculating the drive power of a two-
mass resonant vibration stand with an electromagnetic drive. To achieve this, analytical 
expressions for the amplitude of the disturbance force and the velocity of the oscillating masses 
in a two-mass oscillatory system with an electromagnetic drive were used to determine the actual 
power consumed by the electromagnetic drive during the excitation of the oscillatory system. The 
key difference between the proposed approach and existing studies is that energy dissipation in 
the system is taken into account by considering the phase shift angle between the displacement 
and the disturbance force. By specifying the maximum possible phase shift angle between the 
displacement and the disturbance force and performing the necessary integration, the authors 
derived algebraically simple analytical expressions that describe the maximum power 
consumption of a two-mass oscillatory system with an electromagnetic drive. The proposed 
algebraic expressions make it possible to accurately estimate the required drive power, thereby 
ensuring that the vibration system maintains the technologically required vibration amplitudes 
even under critical loading conditions. 
Keywords: two-mass resonant oscillatory system, harmonic oscillations, pre-resonant mode of 
operation, phase shift between displacement and force. 

1. Introduction 

When designing any vibrating technological equipment, it is necessary to determine the power 
required by the drive to initiate and maintain the motion of the vibrating system. Numerous 
researchers have addressed this problem. 

The reviewed literature indicates considerable advances in the development, mathematical 
modeling, and optimization of vibratory machines, especially those employing electromagnetic 
actuators and dual-frequency resonant operating modes. Contemporary research focuses on 
expanding the capabilities of vibration technology through the design of innovative vibration 
equipment [1], as well as enhancing the performance of existing systems by optimizing their 
operating conditions [2]. Significant attention has also been devoted to the generation of optimal 
motion trajectories for vibrating working bodies [3] and to the optimization of 
amplitude-frequency characteristics to achieve stable and efficient resonant operation [4]. 
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In addition, numerous studies investigate the dynamic behavior of inertial vibration exciters 
[5] and propose methods to improve their operational characteristics [6]. Mathematical modeling 
remains an essential research direction, providing tools for predicting and optimizing the 
performance of vibration systems [7]. Furthermore, researchers continue to explore the dynamics 
of vibratory machines [8], including the synchronization mechanisms of inertial vibration exciters 
[9], while also developing advanced control strategies to enhance their stability, efficiency, and 
operational reliability [10]. 

Harmonic analysis of the currents in electromagnetic vibrators, investigated in [11], provides 
valuable insights into the electrical characteristics that significantly affect the dynamic behavior 
of vibration machines. The identification of harmonic components enables the development of 
effective control strategies aimed at reducing undesirable vibrations and electrical losses, thereby 
enhancing the overall reliability and operational efficiency of the system. 

Similarly, the study presented in [12] proposes methodologies for the rational synthesis of two-
frequency resonant vibratory machines, with particular emphasis on structural optimization. The 
proposed approaches are intended to achieve the required dynamic performance while ensuring 
sufficient mechanical strength and durability. 

The authors of [13] further investigate the synthesis and operational performance of two-mass 
resonant vibrating tables equipped with electromagnetic drives. Their experimental results 
emphasize the influence of factors such as structural damping and mass distribution on resonance 
efficiency. By combining theoretical analysis with practical validation, this work provides 
valuable recommendations for the design, optimization, and modernization of industrial vibratory 
equipment. 

The primary objective of the study reported in [14] is the development of a dynamic model 
based on a two-mass system. The proposed model serves as a theoretical basis for analyzing the 
dynamic response and optimizing the operating conditions of resonant vibration machines. Of 
particular interest are the works [15, 16], which present a methodology for determining the 
parameters of vibrating machines with an eccentric drive. However, these works do not consider 
the determination of the required drive power. 

Finally, [17] presents a comprehensive reference on the fundamental principles of the analysis 
and design of vibratory machines. The textbook integrates theoretical concepts, computational 
techniques, and experimental methodologies, providing a unified framework that supports both 
academic research and practical engineering applications. 

Despite these significant advances, the literature lacks a simplified method for determining the 
power consumption of an electromagnetic drive based on a straightforward algebraic relationship. 
This research is intended to address this gap. 

2. Description of the design and operation of the vibration stand 

The two-mass mechanical vibration system of the vibration stand [18] (Fig. 1(a, b)) consists 
of active oscillating mass 1, with an inertial mass of 𝑚ଵ, and a reactive oscillating mass 2, with an 
inertial mass of 𝑚ଶ. The active oscillating mass 1 is connected to the reactive oscillating mass 2 
through a resonant elastic node 3, having a stiffness coefficient of сଵଶ. Oscillations are excited by 
electromagnetic vibration exciters 4. The presence of dissipation in the resonant elastic node is 
represented by the viscous resistance coefficient 𝜇ଵଶ, as shown in Fig. 1(c). 

The electromagnetic vibration exciters 4 generate a time 𝑡 varying alternating disturbance 
force 𝐹(𝑡) = 𝐹଴ sin(𝜔𝑡), which excites the two-mass oscillatory system at a circular frequency 𝜔. The oscillating masses 1 and 2 move in antiphase with amplitudes 𝑋ଵ and 𝑋ଶ, respectively. The 
vibration stand is designed for testing aircraft components under alternating loads. As an example, 
Fig. 1 illustrates a wing 5 fixed to the active oscillating mass 1. To simplify the presentation and 
the subsequent analysis, the influence of the payload and the vibration isolators on the dynamic 
processes within the vibration system is neglected. The influence of properly selected vibration 
isolators on the dynamic behavior of the system is negligible. Including vibration isolators in the 
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model changes the calculated vibration amplitudes by no more than 3 % [17]. Therefore, their 
stiffness is neglected in the subsequent analysis. In contrast, accounting for the payload mass, 
represented by a wing rigidly cantilevered from the working body, significantly complicates the 
analysis. This issue requires a separate investigation, which the authors intend to address in future 
work. 

3. Methodology for determining power consumption by an electromagnetic drive 

Let us consider steady-state harmonic motion under the action of a disturbance force, which is 
described by the following expression: 𝐹(𝑡) = 𝐹଴ sin(𝜔𝑡). (1)

 
Fig. 1. a), b) Projection views of a resonant vibration stand with an electromagnetic drive and  
c) a schematic diagram of a two-mass vibration system of a vibration stand, where: 1 – active  
oscillating mass; 2 – reactive oscillating mass; 3 – resonant elastic unit; 4 – electromagnetic  

vibration exciters; 5 – glider wing attached to the active oscillating mass 1  

We analyze the motion of only the active oscillating mass 1. The obtained results can be 
extended analogously to the reactive oscillating mass 2. Therefore, the amplitude of the 
disturbance force 𝐹଴ corresponding to the oscillation amplitude 𝑋ଵ of the active mass 1 is 
determined using the analytical expression [17]: 

𝐹଴ = 𝑋ଵ ൬𝑚ଵ + 𝑚ଶ𝑚ଶ ൰ට(𝑐ଵଶ − 𝑚௔௚𝜔ଶ)ଶ + (𝜔 𝜇ଵଶ)ଶ, (2)

where 𝑚௔௚ = 𝑚ଵ𝑚ଶ/(𝑚ଵ + 𝑚ଶ) is the total mass of the two-mass oscillatory system;  𝑐ଵଶ = 𝑚௔௚(𝜔/𝑧)ଶ, where 𝑧 corresponds to the resonant tuning condition of the oscillatory system; 𝜇ଵଶ ≈ 0.05ඥ2𝑐ଵଶ𝑚௔௚. In practice, the coefficient of viscous drag can vary widely:  
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𝜇ଵଶ ∈ (0.02. . .0.2)ඥ2𝑐ଵଶ𝑚௔௚ [17]. It all depends on the properties of the load mass. For the case 
considered in the article, the value of the coefficient of viscous drag is insignificant. 

The law of motion of the active oscillating mass 1 during harmonic oscillations is described 
by the well-known equation: 𝑥ଵ(𝑡) = 𝑋ଵ sin(𝜔𝑡 − 𝜀), (3)

where 𝜀 is the phase shift between the displacement and the disturbance force caused by 
dissipation in the system. The velocity of the active oscillating mass 1 is obtained by 
differentiating Eq. (3) with respect to time, namely: 𝑥ሶଵ(𝑡) = 𝑋ଵ𝜔 cos(𝜔𝑡 − 𝜀). (4)

The power consumed by the oscillatory system during linear motion is equal to the product of 
the force and the velocity. Therefore, the actual power consumption is determined as: 

𝑁 = ඨ1𝑇න [𝐹(𝑡)்
଴ ⋅ 𝑥ሶଵ(𝑡)]ଶ𝑑𝑡, (5)

where 𝑇 = 2𝜋/𝜔 is the integration period. Substituting Eq. (1), (2), and (4) into Eq. (5), the 
following expression is obtained for the active oscillating mass 1: 

𝑁ଵ = ඩ𝜔2𝜋 න ቌ𝑋ଵ ൬𝑚ଵ + 𝑚ଶ𝑚ଶ ൰ට(𝑐ଵଶ − 𝑚௔௚𝜔ଶ)ଶ + (𝜔𝜇ଵଶ)ଶ sin(𝜔𝑡)× 𝑋ଵ𝜔 cos(𝜔𝑡 − 𝜀) ቍଶ 𝑑𝑡ଶగ/ఠ
଴ . (6)

Let us consider the case of the maximum phase shift 𝜀, corresponding to the maximum power 
consumption. The phase shift in the oscillatory system varies as the excitation frequency passes 
through the natural circular frequency Ω௡ (Fig. 2).  

 
Fig. 2. Phase-frequency characteristic of the two-mass oscillatory system of the vibration stand  

From Fig. 2, it can be seen that, in the absence of damping, the phase shift angle 𝜀 is always 
equal to 0 or 𝜋. When damping is present, the phase shift angle increases as the excitation 
frequency approaches the natural circular frequency Ω௡ (the resonance region). Theoretically, 
under the most unfavorable operating conditions, this angle may approach: 𝜀 = 𝜋/2. (7)

Thus, in an oscillatory system with significant dissipation, the displacement lags behind the 
disturbance force by an angle 𝜀 ≈ 𝜋/2. Consequently, a phase shift angle of 𝜀 ≈ 𝜋/2 indicates a 
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high level of energy dissipation within the system. In practice, this phenomenon is clearly 
observed during the operation of vibration stands under load. The energy dissipated in the load 
can be characterized by the viscous resistance coefficient, since dissipative forces remove useful 
mechanical energy from the oscillatory system. 

Accordingly, the phase shift angle 𝜀 is adopted as one of the governing parameters for 
evaluating the power consumption of the oscillatory system, as it indirectly reflects the influence 
of the loading conditions. By using the limiting value given in Eq. (7), the worst-case operating 
scenario is considered a priori, thereby ensuring that the calculated drive power is sufficient to 
excite the oscillatory system under maximum energy dissipation. It should be noted that Eq. (7) is 
applicable to vibration stands operating in both pre-resonant and far-above-resonant modes. 

Integrating Eq. (6) over the period 𝑇 = 2𝜋/𝜔 corresponding to the maximum power 
consumption, the minimum required actual drive power 𝑁, taking into account the drive efficiency 𝜂, can be expressed as: 

𝑁ଵ = ቆ√64𝜂ቇ𝜔𝑋ଵଶ ൬𝑚ଵ + 𝑚ଶ𝑚ଶ ൰ට(𝑐ଵଶ − 𝑚௔௚𝜔ଶ)ଶ + (𝜔𝜇ଵଶ)ଶ, (8)

or, equivalently: 

𝑁ଵ = ቆ√64𝜂ቇ𝜔𝑋ଵ𝐹଴. (9)

Eq. (8) can also be written in terms of the dynamic coefficient of the active oscillating mass 1: 𝜆ଵ = 𝑐ଵଶඥ(𝑐ଵଶ − 𝑚௔௚𝜔ଶ)ଶ + (𝜔𝜇ଵଶ)ଶ. (10)

It should be noted that the dynamic coefficients of both oscillating masses are identical  
(𝜆ଵ = 𝜆ଶ = 𝜆). Therefore, substituting Eq. (10) into Eq. (8) yields: 

𝑁ଵ = ቆ √64𝜂𝜆ଵቇ𝜔𝑋ଵଶ𝑐ଵଶ ൬𝑚ଵ + 𝑚ଶ𝑚ଶ ൰. (11)

Extending Eq. (8) and (10) to the reactive oscillating mass 2 (Fig. 1), the total power consumed 
by the drive is determined by: 

𝑁 = ቆ√64𝜂ቇ𝜔ට(𝑐ଵଶ − 𝑚௔௚𝜔ଶ)ଶ + (𝜔𝜇ଵଶ)ଶ ൤𝑋ଵଶ ൬𝑚ଵ + 𝑚ଶ𝑚ଶ ൰ + 𝑋ଶଶ ൬𝑚ଵ + 𝑚ଶ𝑚ଵ ൰൨, (12)

𝑁 = ቆ√64𝜂ቇ𝜔𝑐ଵଶ ൤𝑋ଵଶ ൬𝑚ଵ + 𝑚ଶ𝜆ଵ𝑚ଶ ൰ + 𝑋ଶଶ ൬𝑚ଵ + 𝑚ଶ𝜆ଶ𝑚ଵ ൰൨. (13)

Alternatively, these expressions can be written as: 

𝑁 = √6𝜔ට(𝑐ଵଶ − 𝑚௔௚𝜔ଶ)ଶ + (𝜔𝜇ଵଶ)ଶ [𝑋ଵଶ𝑚ଵ + 𝑋ଶଶ𝑚ଶ]4𝑚௔௚𝜂 , (14)𝑁 = √6𝜔𝑐ଵଶ [𝑋ଵଶ𝑚ଵ + 𝑋ଶଶ𝑚ଶ]4𝜆𝑚௔௚𝜂 . (15)

Given that, in the oscillatory system, the natural circular frequency is denoted as Ω௡ = 𝜔/𝑧 
and it is also known that 𝑐ଵଶ/𝑚௔௚ = Ω௡ଶ , Eq. (15) can be rewritten in the following form: 
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𝑁 = √6𝜔ଷ [𝑋ଵଶ𝑚ଵ + 𝑋ଶଶ𝑚ଶ]4𝜆𝜂𝑧ଶ . (16)

The publication [17] presents a formula similar to Eq. (16); however, it does not account for 
the resonant tuning of the oscillatory system. In the present study, the authors have refined the 
relationship that determines the power of the electromagnetic drive of a two-mass oscillatory 
system of a vibration stand, explicitly taking resonant tuning into account. 

As an example, let us analyze the power consumption of the drive of the two-mass vibration 
system of the vibration test stand shown in Fig. 1. This system is also considered in detail in [18]. 
The parameters of the vibration system are as follows: 𝑚ଵ = 207 kg; 𝑚ଶ = 162 kg; 𝑧 = 0.97;  𝜔 = Ω = 628 rad/s (100 Hz); 𝜇ଵଶ = 2.5×10-3 kg/s; 𝜂 = 0.5 (for the electromagnetic drive). The 
technologically specified vibration amplitude of the working body (active oscillating mass) is 𝑋ଵ = 0.3 mm. The vibration amplitude of the reactive oscillating mass is then  𝑋ଶ = 𝑋ଵ𝑚ଵ/𝑚ଶ = 0.38 mm, and the power consumption of the vibration system drive, according 
to Eq. (16), is 𝑁 = 986 W. 

If the resonance tuning parameter 𝑧 is not taken into account, as was erroneously presented in 
[17], the calculated power consumption is underestimated and amounts to 𝑁 = 928 W. The farther 
the vibration system is detuned from resonance (i.e., the smaller the value of 𝑧 relative to unity), 
the greater the discrepancy between the results becomes (Fig. 3). 

 
Fig. 3. Dependence of the power consumption of the electromagnetic drive  

on the resonance tuning of the vibration system: 1 – dependence obtained using Eq. (16);  
2 – dependence obtained using the expression given in [17]  

4. Conclusions 

As a result of the approach proposed by the authors, analytical dependencies were derived to 
determine the actual power consumption of the electromagnetic drive of the two-mass oscillatory 
system of the vibration stand (Eq. (14), (15) and (16)). The key difference between the proposed 
approach and existing studies is that energy dissipation within the system is accounted for through 
the phase shift angle between displacement and the disturbance force. Thus, by assuming the 
maximum possible phase shift angle between displacement and disturbance force, the authors 
obtained algebraically simple analytical dependencies that describe the maximum power 
consumption of a two-mass oscillatory system with an electromagnetic drive. By selecting the 
drive power based on the proposed analytical dependencies Eq. (14), (15) and (16), it is possible 
to guarantee that the oscillatory system will provide the required technological amplitudes of 
oscillation even under critical loading conditions. 
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